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Summary It has been recently discovered that there is a periodical axial impact phenomenon
in a running engine crankshaft. Bending of the shaft causes significant extension of the crankshaft
and impact to the engine block through the axial thrust bearing. The aim of this work is to
study impact-induced energy fluctuations in a complex-shaped Wärtsilä sixteen vee 32 engine
crankshaft by using an explicit finite element method (FEM) during the first 25 ms after impact.
Using the FEM allows us to study real components used in industry, and analyze their dynamics
in the transient phase. In conclusion, we found interesting results that can be used as guidelines
for a full-scale crankshaft measurement instrumentation plan. The full-scale measurements will
be performed later in the Wärtsilä Oy facility at Vaasa, Finland. The main finding is that a
substantive amount of energy is trapped in the head region and the first two crank pins of the
crankshaft, which can affect crankshaft durability regarding high-cycle fatigue.
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Introduction

Frondelius et al. present a comprehensive literature review of medium-speed engine devel-
opment [1]. The crankshaft is the heart of the engine and this study focuses on impact-
excited vibration behavior in this component. The aim of this study is to use a finite
element method (FEM) analysis to plan a full-scale measurement instrumentation sys-
tem. Halla-aho et al. [2] studied counter weight (CW) vibrations utilizing a dedicated
measurement device, which is also used to detect axial vibrations of the running engine.
A significant amount of measurement data must be collected from the crankshaft due to
its complex geometry and the need for high measurement frequency when applied on a
full-scale basis. Aho et al. [3] demonstrate how to analyze large amounts of measurement
data.

Longitudinal vibration of the crankshaft in a large-bore medium-speed combustion
engine has a remarkable effect on the overall dynamics of the powertrain and vibration
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of the engine [4–6]. Although the firing forces do not directly introduce any longitudinal
forces to the crankshaft, they do induce bending of the shaft, causing significant extension
and shrinking of long shafts. The shaft is supported by the axial thrust bearing from one
end of the engine, which consequently causes impacts of the shaft against the engine block.
For this reason, it is important to understand the excitations of the engine and the strain
waves traveling in the crankshaft, to ensure reliability of the structure.

It is planned to measure the phenomenon described above by using an impact hammer,
to apply short longitudinal impact pulses into the flywheel end of the crankshaft of a
Wärtsilä sixteen vee 32 engine (see figures 1(a) and 1(b)). It is [7] shown that longitudinal
impacts impart a certain amount of strain energy, and kinetic energy, to the structure.
Under ideal conditions, the type of energy fluctuates between these two forms as a function
of time. The strain energy is in form of strain waves, which propagate through the medium
at the sound speed of the specific material. The kinetic energy can be understood in terms
of bare rigid body motion. The study will model a complex geometry, a crankshaft, in the
time-domain using a commercial explicit FEM program. The goals are to understand the
transient effects of the impact, clarify how impact energy propagates through the complex
shaped geometry, and establish a baseline for a full-scale measurement instrumentation
plan.

This paper is presented in four sections. Consideration is given to the possible analysis
methods and their restrictions in Analysis techniques of the impact phenomenon. The
planned measurement setup and employed calculation model are described in Calculation
model of measurement setups. We believe that this type of measurement arrangement
provides valuable information on how the axial impact phenomenon affects the crankshaft.
It is essential to know if it significantly increases the stress values and reduces durability,
due to fatigue, in the crankshaft. In Calculation results, we show how and where the
calculated impact energy and strain waves fluctuate in the crankshaft as functions of
time. Finally, in Conclusion, our conclusions are shown regarding how this study can be
used as a basis full-scale the measurement planning.

Analysis techniques of the impact phenomenon

Since the beginning of the last century, a wide variety of calculation techniques [7–18]
have been developed and applied for solving problems related to the propagation of elastic
waves, contact during impact, and wave interaction with damage-related discontinuities.
The simplest method of modeling the collision problems is analytical Newtonian mechan-
ics. It can be used to study impacts on rigid bodies, but these equations are not suitable,
even for low-speed impacts between rigid parts, when significant amount of initial energy
is converted into internal energy [16]. One-, two-, and three-dimensional (1D, 2D, and
3D) analytical models have been presented for impact phenomena and wave propagation
in elastic materials [17]. These can used if the component under study has a very simple
shape, but components in real life rarely have this kind of shape, which hinders the usabil-
ity of these models. Different types of contact models can be used to model the impact
between parts, but St. Venant’s and Hertz’s models are not very accurate [10]. Coulomb’s
dry friction formulation of the contact is sufficient to model impact phenomena in contact
surfaces [16].

FEM gives the ability to study wave propagation in real components used in industry.
FEM techniques can be divided into two main classes [17]: implicit and explicit. The
former method is a, so-called, frequency-domain method, which is based on the frequency
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representation of excitation signals and structural responses. The latter is a, so-called,
time-domain method. In both methods, the geometry is discretized by using an element
mesh. There exist different types of requirements for element mesh, depending on the
subject of interest, such as studied frequency band, wavelength, or contact surfaces [15].
The explicit method is usually employed for wave propagation studies, because it is faster
than the implicit method.

The Central difference method is employed in this study via implementation into
ABAQUS as an Explicit method [19]. The central difference method is conditionally
stable [20], which means that the analysis time increment has a critical upper limit.
The time increment must satisfy the equation ∆t ≤ 2/(ωmax), which is called Courant’s
condition. If damping is present in the system, a more complicated condition can be
written as, ∆t ≤ 2/(ωmax) ∗ (

√
1 + ξ2 − ξ). ωmax is the highest frequency of the system

and ξ is the fraction of critical damping on the highest frequency. Damping reduces the
size of critical time increment leading to longer simulation times. Usually, it is estimated
that the internal damping of steel materials is negligible; thus, the effect of damping is
ignored in this study.

The calculation of eigenvalues is not efficient in the explicit method so there is the
need of a better estimator for the critical time increment [21]. It is shown that the
highest frequency of the element is higher than the frequency of the system, ωsys

max ≤
ωele
max, which leads to a conservative estimate of the time increment, ∆telemax ≤ ∆tsysmax.

ABAQUS [19] calculates the critical time increment for the element by using the equation
∆t = min(Le/Cd). The minimum characteristic dimension Le is measured from the all
elements and the wave speed is calculated for the current element cd =

√
(λ+ 2µ)/ρ,

where ρ, λ and µ are material parameters. It can be said that the strain wavefront should
not propagate over one element during a time increment.

It can be seen that the cost of explicit simulations is dependent only on mesh size and
number of the time steps, but not the frequency range of interest. By using smaller time
steps, it is possible to raise the accuracy of results, but simulation time increases. Thus,
there are different requirements for time increments to catch studied physical phenomenon
properly [8, 9, 22]. It is said that the studied frequency band should limit the size of the
time step. If it is necessary to study a frequency band up to fmax, the time step ∆t must
be at least ∆t = 1/(20fmax). The smallest studied wavelength lmin also limits the element
mesh size le. It is recommended to use at least 10 elements over the wavelength, which
should give reasonable results of the phenomenon, le = lmin/10.

Calculation model of measurement setups

The FG1 impact hammer is chosen as the device to impact the studied structure (see
figure 1(a)). The hammer is manufactured by Global Boiler Works Oy. The impact
phenomenon can be divided into four different speed classes: low, intermediate, fast, and
hyper fast impacts. Hammering is classified as a low-speed impact, because the impact
speed remains under 10 m/s. Impacts can be divided into direct central and noncentral
impacts, and they can be of single or multi-collision type [16]. The employed hammer
structure gives a single direct central impact to the studied structure.

The FG1 hammer exhibits a very simple working principle. The piston of the hammer
is loaded against a spring using pressurized air. When the pressurized air is released, the
piston hits the end of the anvil and causes impact to the studied structure. The intensity
and length of the impact amplitude are well known, and the impact is highly repeatable.
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(a) FG1 mounted to the crankshaft.

(b) The analyzed crankshaft is divided into different element sets, which are used to study
energy distribution in the structure. The two left-most components are the piston and spring,
which constitute the hammer. The hammer is followed by an anvil and fastening ring, which
attaches the hammer to the crankshaft. The crankshaft is divided into different sections,
starting from the head, followed by the crank pins CP1 to CP8, and the end-section. The
crank pins can be divided into webs from 1 to 16. Finally, the counter weights, CW 1 to 16,
are connected to the crankshaft using two bolts.

Figure 1. Schematic diagram of analyzed calculation setup.

Kinetic energy is not conserved during a collision, if the colliding bodies cannot be
considered as rigid bodies. Even the piston of the hammer has to be classified as a flexible
body, because it contains a spring. The kinetic energy transforms into internal potential
energy forms such as strain energy, or it is dissipated into heat based on the hysteresis
of the material or frictional contact surfaces. The direct collision of the piston and the
measured component ensures that there are no frictional effects on the impact surface.

The old impact hammer type FW2000 has previously been used in wave propagation
studies, and is reported in papers [23] and [24]. The first of these papers describes an
impact pulse measured from a 6-m-long bar. The second shows how the measured pulse
can be analyzed using ABAQUS Explicit. The measured and modeled impact waves in
the steel bar are shown in figure 2. This same impact pulse can be produced with the
new type of hammer (FG1) and it is used with the crankshaft impact studies.

The following test setup is planned for the crankshaft measurements. Figure 1(a)
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Figure 2. Measured and calculated strain wave from 6-m-long bar. It can be seen that the measured and
calculated impacts are nearly equal. The differences are due to the simplified calculation geometry of the
piston spring. [23,24]

Figure 3. The crank pin and main bearing surfaces have four sample points (red dots) on each surface.
The axial strain wave is measured from these points.

shows how the hammer is mounted to the crankshaft using mounting devices: an anvil
and a fastening ring with pre-tensioned bolts. The geometry of the hammer and the
mounting parts are designed by Global Boiler Works Oy. The geometry of the crankshafts
is provided by Wärtsilä Oy.

The hammer body is connected to the anvil the same way it was attached to the steel
bar. The hammer body is locked to the anvil by using a locking pin. Sliding surface
contact occurs between the hammer body and the anvil side surface. It is assumed that
the hammer body does not affect the wave propagation in the anvil and crankshaft, due
to sliding surface contact. Thus, the piston and the spring of the hammer are modeled
and the body is excluded in the calculation model; see 1(b). The real spring geometry
is one pair of Belleville springs. It is replaced by a sleeve in the calculation model, the
material properties of which are tuned to obtain the same response as from the Belleville
spring.

The piston with spring strikes the free end of the anvil and the fastening ring with
bolts keeps the anvil and the crankshaft in contact during the impact. The fastening
ring is attached to the crankshaft using pre-tensioned bolts. It is assumed that the pre-
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tensioned bolts do not affect the impact wave propagation thus, the bolts are omitted
from the calculation model.

The employed FE calculation program is ABAQUS Explicit, which calculates the
problem in the time-domain. The components of the analyzed measurement setup are
discretized by using 3D solid elements: The piston, spring, anvil, and fastening ring are
meshed using C3D8R elements. The crankshaft is meshed using C3D10M elements due
to its geometrical complexity. The total numbers of elements are 14,500 and 1,837,000,
respectively; see figure 3 for an understanding of the mesh density. It was determined
that all the fillets of the crankshaft would not be meshed smoothly, because that would
decrease the element size too much and thus excessively decrease the size of the critical
time step.

The crankshaft geometry is partitioned into 19 element sets and all 16 counter weights
also form their own individual element sets; see figure 1(b). This is done to follow the
distribution of the impact energy throughout the structure.

General contact between the spring and anvil is used and the contact can open after
the impact. The standard ABAQUS hard pressure over-closure method is used, which
employs a kinematic contact algorithm to minimize the penetration of the surfaces [19].
This predictor/corrector algorithm has no influence on the stable time increment. The
kinematic contact algorithm can absorb energy when it strictly enforces contact con-
straints and conserves momentum. The amount of absorption is dependent on the mesh
size. The contact is assumed to be frictionless, because there is only movement in the
surface-normal direction.

The anvil and fastening ring are attached to the crankshaft using the TIE-constraint
with node-surface formulation. This eliminates all degrees of freedom of the slave surface
nodes and couples their motion to the motion of the master surface nodes [19]. The
piston and spring are connected using the TIE-constraint, which is also used between
the counterweights and crankshaft. All the pre-tensioned bolts are omitted from the
calculation model.

The following initial conditions are applied for the hammer and crankshaft. The piston
and spring have an initial velocity of 2300 mm/s; see the impact pulse in figure 2. The
initial velocity was chosen according the experiments and modeling knowledge gained
from [23] and [24]. The movement of the crankshaft is not restricted. In reality, the
crankshaft is supported by 10 main bearings; thus, gravity does not cause bending of the
structure inside the engine block. Due to this, the gravity 9810 mm/s2 and fixed boundary
conditions are omitted from the calculation model.

The piston, anvil, fastening ring, and crankshaft have the material properties of steel:
E = 206000 MPa, ν = 0.3, and ρ = 7.85 × 10−9 t/mm3. The material properties for the
spring have been adjusted to obtain a realistic impact. The following material properties
are used for the spring: E = 20000 MPa, ν = 0.3, and ρ = 2.7 × 10−9 t/mm3.

Mass scaling is not used to speed up analysis. Therefore, it does not affect the size
of the critical time increment. The standard bulk viscosity parameters (b1 = 0.06 and
b2 = 1.2) of ABAQUS are used to damp ”ringing” in the highest element frequency and to
prevent the element from collapsing in the analysis. Material damping is not introduced,
because its effect in rigid steel components is considered to be rather small.

Axial impacts, which are initiated from axial thrust bearing, occur every 17 ms. The
analysis time of the hammering impact is slightly longer, 25 ms, to see how much axial
impact energy is left in the crankshaft when the next axial impact is initiated. The
results are collected at a frequency of fifty thousand measurements per second. This is
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the maximum frequency at which our rugged data acquisition platform is capable. This
frequency is used for later validation tests with a real structure.

ABAQUS calculates the stable time increment estimates for each element based on
linearization about the initial state. In this particular case, the initial time increment
is 1.95202 × 10−8 s, according the smallest element dimension. A fully automatic time
incrementation method is used, which increases the employed time increment to 3.334 ×
10−8 s during the analysis.

The model, with a total of 4.1M variables, has been decomposed into 120 domains
and domain-level parallelization is used. The automatic incrementation of ABAQUS
used 751,256 increments to solve the problem described above, which takes a total of
approximately 7 h.

Calculation results

Impact pulse in validation bar

First, the energy behavior in the impact validation bar is studied. The change in energy
during the analysis is shown in figure 4(a). It can be seen that total energy is constant
through the analysis. The amount of the artificial energy is negligible. The internal
energy of penalty contact and viscous damping creates some damping in the model, which
accounts for approximately 1.2 % of the total energy. Thus, it can be said that the model
behaved well during the analysis.

Initially, all the energy of the system, which is approximately 80 J, is in the hammer’s
kinetic energy. The hammer transfers 81 % of its energy to the round bar, because the
internal energy of the hammer is negligible after the impact and only 15 J remains as
kinetic energy of the hammer. Half of the energy in the round bar is kinetic and the other
half is internal energy, which means elastic energy. At the instant when the impact wave
reaches the end of the bar, all the energy is kinetic. The strain wave 2 travels in the bar
as the analytical theory predicts, according to the energy results.

Calculated impact in the crankshaft

The strain wave is induced in the crankshaft using the validated 80 J impact. The ham-
mer’s kinetic energy changes to different types of energy during the analysis, as shown
in figure 4(b). The hammer transfers only 10.1 % of its initial kinetic energy to the
crankshaft, due to the very large mass difference between the colliding parts. The amount
of kinetic energy is 70.7 J and the internal energy is only 0.75 J in the hammer after impact.
Slightly less than half of the total energy in the crankshaft is in the elastic deformations.
Only occasionally, does the elastic internal energy level rise above the kinetic energy level.

The total energy of the analysis has clearly behaved similarly to the validation case,
because it remains constant during the analysis. The amount of the dissipation and
artificial energy is almost negligible, at 1.8 %. At this time, the largest portion of these
energies remains as artificial energy. Additionally, the internal energy of penalty contact
and viscous damping are present but negligible.

In figures 5 and 6, only the energy changes in the crankshaft are studied. The fastening
ring and anvil are omitted from these results. We then separate the crankshaft into three
sets (see figure 5(a)): The energy in the straight parts of the head, the gearwheel and
straight part of the end section are combined. The energy in the crank pins is combined
without the counter weights. The energy in the counterweights is combined. We can see
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(a) Energy distribution diagram of the validation bar analysis. A small amount of kinetic
energy has remained after the impact in the hammer. Most of the energy is transferred to the
validation bar, where it fluctuates between kinetic and internal energy.

(b) The energy distribution diagram of the crankshaft impact test setup analysis. Only a
small amount of the initial kinetic energy of the hammer is transferred to the crankshaft, due
to their huge mass difference.

Figure 4. Energy balance of the analysis.

in figure 5(a) that the head has a high energy peak at the beginning of the analysis due
to the impact. The duration of the first impact wave is approximately 1 ms and after
that the energy diminishes to only a small fraction of the total energy in the crankshaft.
According to this result, there is not a high-intensity standing wave in the head part
of the crankshaft, but the impact energy travels further into the crankshaft body. The
longitudinal wave propagates to the first web, where the discontinuous geometry with the
longitudinal wave initiates flexural waves to the crankshaft. The total energy included in
the flexural waves can be divided into the counter weights and webs. The webs contain
more energy than the counter weights. They have approximately 55 % and 37 % of the
energy, respectively.

In figure 5(a), the total energy is presented for three sections of the crankshaft. Figure
5(b) shows the kinetic and internal energies for these sections. The head section of the
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(a) Total energy in crankshaft divided into three different parts: combined counter weights,
combined crank pins without counter weights, and combined head and end sections of the
crankshaft.

(b) Total energies of the previous figure divided into kinetic and strain forms.

Figure 5. Energy distribution in crankshaft.

crankshaft has an internal strain energy for only a short period just after the impact.
The peak value 1.4 J is gained at 0.4 ms after the start of the analysis. The strain energy
is negligible after 0.7 ms and the head section mainly exhibits rigid body motion. The
same observation can be noted in the counterweight, in which the energy is mainly in the
kinetic form, at 2.7 J. This is a rather expected finding, because the counter weights are
cantilever parts attached to the crankshaft body. The situation is different in the webs,
where the kinetic and strain energies fluctuate and they have almost the same intensity.
The internal and kinetic energies are approximately 2.5 and 1.6 J, respectively.

Then total energy is divided between each individual counter weight in figure 6(a). The
first and third counter weights have the largest amount of the energy after the impact
wave, but it also remains high during the fluctuation. It is surprising that the energy
of the second counter weight is clearly lower than that of the first and third CWs, but
it is still higher than that of most of the other CWs. The fifth and seventh CWs also
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(a) Total energy in counter weights.

(b) Total energy in the different sections of the crankshaft body. Both counter weights
are included in the crank pin results.

(c) Internal energy of the webs.

Figure 6. Energy distribution in different sections of the crankshaft.
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have rather high energy after the first wave, but the rest of the CWs have energy levels
below 0.2 J.

Let us divide the energy in the head section and the crank pins, as shown in figure
6(b). Now, we can see how the wave front propagates through the crankshaft. The energy
level starts growing sequentially in all sections, every 0.25 ms. The wave reaches the end
section 2.5 ms after the impact. The highest intensity can be predictably found from the
head section, because all the impact energy is traveling through that section just after the
collision. The high energy level propagates fast through the section and then diminishes.
The first two crank pins’ energy levels grow rapidly; their energy levels last much longer
and the intensity remains higher than in the rest of the crank pins. The median energy
level is 0.7 J in the rest of the crank pins.

Finally, figure 6(c) showing the internal energy in the webs and CW is analyzed. The
head part has the highest strain energy intensity of 1.8 J after the impact. The internal
energy wave propagates to the first three webs, which have clearly higher energy states
than the rest of webs. The first wave is over 1.0 J and following waves all have over 0.6 J.

According to these results, it is clear that impact causes highly complex phenomena in
the crankshaft. It was not unexpected that such clear periodical behavior is not exhibited
as in the straight validation bar. The energy results showed that the following findings can
be used when planning measurements: The first two CWs have high kinetic energy levels.
Thus, this is a good location to measure accelerations to identify the natural modes that
an axial impact can excite. The first main bearing is a good place to measure longitudinal
wave propagation in the head section using strain gauges. The first two crank pins have
the highest internal energies. The strain gauges should capture strains due to the bending
modes of the crankshaft. The results in figure 7 illustrate the level of the strains in the
crankshaft.

Figure 7. Strain is measured from the anvil. The impact is straight, but reflection waves show the
bending behavior.

The impact pulse in the anvil can be seen from figure 7. The axial strain is measured
at four points. The mean and amplitude of the strain are calculated according to results
from these four points. The points are equidistant from the head of the anvil, and the
angle between each pair of adjacent points is 90 degrees. The maximum peak value of
the strain in the anvil is −210µstrain, which corresponds to a 42 MPa stress state. The
impact is straight, because the amplitude is close to zero during the first wave. The mean
strain remains low after the first wave. The intensity is mainly below 5µstrain. The
reflected waves from the crankshaft induce bending of the anvil. The maximum strain is
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(a) Mean value of axial strain. (b) Amplitude of axial strain.

Figure 8. Axial strain in main bearings.

(a) Mean value of axial strain. (b) Amplitude of axial strain.

Figure 9. Axial strain in crank pins.

45µstrain in the bending waves.
The strain wave propagates to the head of the crankshaft from the anvil. The strain

level here is much lower due to the thicker body. MB0 observes a −19µstrain compression
strain pulse and MB1 only observes −10µstrain. The mean strain remains higher in
MB1, which has several smaller peak values over 5µstrain. The third and fourth main
bearings have some peaks over 4µstrain, but the rest remain under that value. The strain
amplitude components are highest in MB1, which have a single peak over 20µstrain strain.
There are some peaks over 15µstrain in MB0, MB1, MB2, and MB5.

From MB1, the impact wave reaches the first crank pin CP1. The compression wave
intensity is −10µstrain when it passes through the pin. The mean stress peak values
remain higher than those of the other crank pins through the analysis. The second and
third crank pins have some mean strain waves over 5µstrain but rest of them remain
under 5µstrain. The bending component is higher in the crank pins than in the main
bearings. All the crank pins have over 10µstrain amplitude strain components, and the
highest peaks of the first three pins are over 20µstrain.

These strain values are obtained from the middle of the bearing surfaces. It is expected
that higher strain values are highly localized, and they can be found near the crank pin
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and bearing surface fillets, as well as near the counterweight mounting regions. These
absolute values are not so interesting in this analysis, because there should be a much
smoother element mesh in the above-mentioned fillets to obtain plausible results.

Conclusion

The explicit FEM is an excellent method to evaluate the dynamic behavior of components
in the time-domain. It is possible to follow how and where the impact energy travels in
the component in the transient phase that occurs before the natural modes are finally
present in the structure.

As expected, the energy behavior of the validation bar was very simple. This would
even be possible to calculate by using the theoretical approach, but it is not possible with
real-world complex geometries such as a crankshaft.

The results showed that artificial and damping energies were low in both analyses.
According to this, the results are reliable. Of course, we must remember that there are
several damping sources in the real engine block, which we could not consider here in the
FEM.

The results showed that the highest energy intensity remained in the first two crank
pins during the employed analysis time of 25 ms. According to this, the first four main
bearings and the first two crank pins are good locations for strain gauges. The energy in
the first and third counter weights is mainly in the kinetic form, and thus, at least these
should be instrumented using accelerometers. The FEM results showed that strains are
measurable and that the strain intensity is high enough that its effect should be studied
more carefully with measurements.

The novelty of this study is the modeling of a complex geometry, a crankshaft, in the
time-domain. The aim was to obtain a basis for measurement planning, and it can be
concluded that the study was a success. As future work, the measurement results should
be independently published.
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